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Abstract—This paper addresses the heat transfer coefficient 
(HTC) associated with the hollow-shaft rotor cooling of a traction 
motor. In such a hollow-shaft cooling system, the coolant is made 
to flow through the shaft hole in order to cool the rotor. The HTC 
is estimated using computational fluid dynamics (CFD), where 
the effect of rotational velocity as well as the coolant flow rate 
have been accounted for. Experiments are then used to validate 
the accuracy of CFD models with the assistance of an analytical 
lumped-parameter thermal network (LPTN) approach. On the 
basis of CFD simulations and the experimental prototype testing, 
it is concluded that the rotational speed can significantly increase 
the convective heat transfer of the shaft hole about 3.8 times at 
4500 rpm above the level of the stationary condition. As a result 
of such analysis, a new dimensionless correlation of the Nusselt 
number with the Reynolds number is derived. 
 
Index Terms— Cooling, computational fluid dynamics (CFD), 
heat transfer coefficient (HTC), lumped-parameter thermal 
network (LPTN), traction motors.  
 
I. INTRODUCTION 
n order to be competitive on the market, the design of an 
electrical traction motor must meet the following essential 
criteria: a small packaging as well as high torque and high 
power density. When creating such motors, the designer is 
inevitably required to consider the problem from a multi-
physics perspective. The latter would include looking at 
electromagnetic, thermal and structural issues in order to meet 
any particular customer requirements [1, 2]. As regards the 
thermal analysis, the heat is generated by the electromagnetic 
losses occurring mainly in the windings and laminations. On 
the other hand, both the demagnetization of the magnets and 
the insulation aging may arise due to the temperature increase 
within the motor. 
Having an internal rotor is usually associated with poor heat 
transfer due to the airgap acting as an insulating material. Poor 
heat transfer leads to a loss of electromagnetic performance. 
To improve the cooling, forced air systems with a shaft-
mounted fan or an extra blower have been investigated by 
several authors for totally enclosed fan-cooled (TEFC) motors 
[3, 4]. A sufficient air flow is created to remove heat from the 
interior parts of the motor. Alternatively, the motor could be 
totally flooded and the rotor and stator surfaces directly 
flushed by a coolant such as water or oil [5]. However, a direct 
liquid cooling method is not an economical and practical one, 
due to the extra provisions required for diminishing not only 
the friction losses, but also the risks of short circuit faults and 
corrosion. An annular gap or a sleeve between the winding 
and the airgap is introduced [6, 7] to avoid the friction loss. 
This ensures the coolant is brought closer to the rotor by 
providing the minimal thermal resistance between the coolant 
and the heat source. As an economically viable rotor cooling 
approach, a hollow-shaft cooling system can be employed in 
the Tesla S60 induction motor [8]. This mechanism has been 
explained in a separate tration motor design [9], pointing out 
that the coolant is introduced into the system via a coupling 
connected to a stationary inner tube. It is then driven back into 
the gap between the injection tube and the hollow shaft. 
Reference [10] alludes to a heat pipe that is inserted through 
the shaft hole. The heat is dissipated by the metallic plate that 
is located in the extension of the shaft. The much more 
detailed rotor cooling systems can be found in [11]. 
The HTC is a critical parameter essential to the accurate 
thermal modelling of electrical motors. However, in cases 
where a hollow-shaft rotor cooling system is employed, heat 
transfer can be complex. A secondary flow will occur as a 
result of the shaft rotation. Consequently, due to the 
centrifugal and Coriolis effect, the cold and dense fluid in the 
centre will move radially to the wall. As a result, the 
convective HTC correlations of a stationary case is invalid for 
a hollow-shaft rotor cooling system. Reference [12] observes 
that the rotation has a destabilizing effect on a laminar flow, 
which entail a enhance heat transfer rate. Reference [13] 
points out that the flow is initially turbulent, whilst the rotation 
reduces the heat transfer rate due to the stabilizing effect. 
However, these studies are relevant to cases where a high 
value in the length to diameter ratio is attained. Reference [14] 
shows that at the entrance of the pipe, the rotation causes a 
destabilization on the flow resulting in a swirling. This is due 
to the large shear caused by the rotating pipe wall. Reference 
[15] concludes that the pipe rotation entails an increase heat 
exchange between the moving wall and the air. However, in 
the literature hitherto there are still limitations in relation to 
how the unique governing correlations or trends for the liquid 
coolant convection HTC on a rotating system have been 
described. 
A numerical simulation method may provide reliable 
estimates regarding the convective HTC of complicated rotary 
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systems[16]. In [17], the HTC of the air-cooled rotor surface is 
investigated using the standard k-ε model with the standard 
near wall treatment. The predicted values derived from the 
CFD model tend to produce a 30% variation as compared with 
the experimental results. Different Reynolds-Averaged 
Navier-Stokes (RANS) turbulence models were used to 
calculate the HTC of the air-gap for a hydro-generator rotor-
stator system [18]. By comparing the HTC results with the 
experimental data obtained from [19], all turbulence models 
follow the general trend of the experimental results. The shear 
stress transport (SST) model, moreover, shows a better 
agreement with such results. 
This paper addresses the hollow-shaft rotor cooling 
evaluated for use in the 80 kW ferrite magnet traction motor in 
[20],.as illustrated in Fig. 1, the coolant is forced to pass 
through a hollow-shaft via two rotary couplings in order to 
cool the motor. Firstly, the derivations of the convective HTC 
by CFD are presented. Three RANS improved turbulent 
models are employed to provide a better understanding of the 
rotating effect on the flow: 1) A Realizable k-ε model with a 
two-layer enhanced wall treatment; 2) A SST k-ω model with 
a non-linear constitutive relation; 3) A Reynolds Stress 
Transport (RST) model. Secondly, the LPTN model is derived 
and calibrated by the experimental results to represent the heat 
transfer of the test rig. As a consequence, the values of internal 
wall temperature of the shaft 𝑇𝑖𝑤  and the active heat flux ?̇?, 
which are both difficult to measure directly, are obtained using 
the proposed model. Finally, the HTC results have been 
nondimensionalised into an equation using various 
dimensionless groups and can be applied in different 
geometrical contexts with various axial and rotation flow 
rates. 
Rotary 
coupling
Inlet Outlet
 
Fig. 1.  Hollow-shaft rotor cooling scheme. 
II. TEST RIG AND MEASUREMENT 
A. Test Rig Setup 
Fig. 2 shows the schematic flow diagram of the 
experimental apparatus, where a circulation system is 
illustrated. Cool water is supplied to the hollow-shaft by a 
chiller. A three-way clamp connection T type valve is used to 
regulate the flow of water in the system and thus the flow rate 
is measured by a flow meter. The heat transfer test section 
consists of a horizontal 12 mm internal diameter aluminum 
tube, with 14 mm thick walls. When assembled, the internal 
active length is 150 mm. A heater made by resistance wires is 
connected to the 220 v power supply to transmit the heat to the 
shaft by air convection, and is installed parallel to the axis of 
the tube with a 3 mm air gap. Based on the initial testing trials, 
several measures were taken to minimize the diversion of the 
heat flow away from the shaft, ensuring most of the generated 
heat is transferred to the shaft body: a) a polished aluminum 
cover is wrapped around the heater to enhance the heat 
reflection back to the shaft; b) a Nano aerogel insulation 
blanket, with a thermal conductivity of 0.0287 W/mK at 
350℃, and with a maximum tolerance of up to 800 ℃ without 
bursting into flames or suffering any deformation, is packed 
around the outside of the aluminum cover; c) the shaft and the 
aforementioned reflective and insulating layers are further 
placed in a box made from an insulating synthetic stone 
carbon fiber material. 
An electric motor driven by a variable speed drive is used to 
accelerate the shaft up to 5000 rpm using the pulley. The 
rotating part of the shaft is connected to the static part with 
two pipe rotary couplings. On this arrangement, one side can 
rotate with the shaft, while another side is static to connect 
with the water pipe. The pipe is further covered with foamed 
polystyrene in order to minimize the heat transfer to the 
ambience and to create well-defined boundary conditions. 
B. Temperature Measurement 
As illustrated in Fig. 3, two four-wire Omega Pt100 
sensors (9, 10) with an accuracy of ± 0.05 ℃ are mounted 
using equal tees to measure the inlet and outlet coolant 
temperatures. The Pt100 sensor is a type of Resistance 
Temperature Detector (RTD) that converts the voltage drops 
of the thermocouples to digital values. RTDs possess the 
highest stability among temperature transducers and the output 
is also very linear, thus making RTDs a good choice when 
highly accurate and long-term measurements are required. 
In order to provide an indicator for the thermal model 
estimation, shaft surface temperature has been monitored. To 
avoid the complexity associated with rotary part 
measurements [21], a subminiature noncontact Omega 
infrared thermometer (A, B) [22] is employed. In practice, due 
to the partial transmission through the surrounding air, the 
signal received by the sensor can be attenuated. In addition, 
the infrared signal might capture the radiation in the 
environment which is reflected onto the shaft. On these bases, 
and to improve the radiative heat flux emitted purely by the 
cylinder, the latter is painted black to achieve a maximal 
emissivity of 0.94 ± 0.01, as determined by calibration. In 
addition, a second calibration is taken in respect of the shaft at 
rest by a K type thermocouple (No. 3, 4). 
Three K type thermocouples (No. 6, 7, and 8) are embedded 
in the Nano aerogel cover to avoid excessive temperature rise 
in this region. Another K type thermocouple (No. 5) stainless 
steel probe is attached to the heater to monitor its temperature. 
The bearing temperature, taken as an indicator to evaluate the 
thermal model is measured using a K type thermocouple (No. 
1, 2). 
All the K type thermocouples were calibrated against an 
Omega surface mount Pt100 element reference with an 
accuracy of ± 0.07 ℃ by inserting into a Carbolite oven at a 
range of 20 to 120 ℃. As a result, the errors are maintained 
within an accuracy margin of ±1 %. The location of the sensor 
described above ensures exposure to the local heat and 
temperature distribution in different regions of the testing set-
up. This will be examined in the analytical calculations in the 
following chapters. 
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Fig. 2.  Experiment setup (blue arrow indicates cooling system loop, orange arrow for the data acquisition system). 
 
All the thermocouples are connected to the Agilent 
Technologies 34970A which combines data logging and data 
acquisition features. Through the built-in RS232 interface, the 
measured data can be sent to a connected computer. 
Measurements of the test variables are taken at each 
experimental condition for at least 30 minutes after 
equilibrium conditions have been established. 
 
 
Fig. 3.  Temperature sensor locations 
 
C. Water Flow Rate  
In order to understand the effect of axial flow on the HTC, 
it is necessary to know the flow rate at which the water passes 
through the hollow shaft. RS Pro radial flow turbine flow 
meter is used here and provides a pulsed output proportional 
to the flow rate. The flow sensor is also connected to the 
Agilent Technologies 34970A for recording the frequency of 
the output pulses. The relation of frequency 𝑓 (pulses per 
second) vs flow rates 𝑄 (litres per minute) is provided in (1), 
where k is the conversion ratio, which may be different for 
various coolant viscosities and densities. After calibration, an 
appropriate k value is 20 in relation to the water. 
 
 𝑄 =  𝑓/k  (1) 
D. Control of Heater Unit 
The heater is connected to a variable transformer that is 
used to adjust the levels of power. The Fluke True RMS 
Clamp meter is used to measure the voltage (𝑉) and the  
 
current (𝐼). The power 𝑃ℎ dissipated from the heater can be 
calculated from (2). 
 
 𝑃ℎ = 𝑉𝐼 (2) 
III. THERMAL MODELLING 
The merit of LPTN lies in the fact that the computational 
cost is less demanding as compared to using any numerical 
method (e.g. CFD). Once the model parameters are known, the 
resulting set of thermal algebraic and differential equations 
which completely describe the thermal performances of the 
machine at steady and transient states can be computed with 
ease. On the other hand, for complex fluid motion and 
convective heat transfer phenomena, the CFD method is used 
to provide inputs into the LPTN model. The coupled CFD and 
LPTN are processed as shown in Fig. 4. 
The input boundary condition of LPTN model setup for the 
hollow shaft rotary cooling system is based on test rig. Firstly, 
the LPTN model setup is calibrated at a stationary case with 
the HTC from Gnielinski’s correlation [23]. By comparing the 
results between the test and the LPTN models, it can be 
concluded that the developed LPTN model is able to represent 
the heat path taken in the test. After that the initial HTC under 
rotation conditions is investigated using CFD and thus this 
HTC is the input boundary condition. The output of the LPTN 
model is the shaft external wall temperature. At this point, a 
decision is made to carry on or not depending on the outcome 
of a comparison with the test results. If external wall 
temperature of the shaft derived from the LPTN model are not 
the same as those obtained from the experiment, then a new 
iteration of the HTC is required until the difference of two 
results obtained between the LPTN model and the experiment 
converge within a reasonable margin of error (±1 %). After the 
two sets of measurements more or less match, the next step 
can be taken in the flow chart, in which the active part of the 
shaft becomes the focus. A second decision is needed at this 
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new stage involving a comparison of the HTC as between the 
active part of the shaft on the one hand and its initial 
estimation value on the other. If the two sets of the HTC 
results match, the initial estimation value is the final 
requirement. Otherwise the LPTN model should be modified 
by increasing the number of layers and thermal resistance. The 
flow chart has to restart until the satisfactory results. The 
proposed CFD and LPTN models respectively will be 
explained in detail in the following sections.  
 
No
The LPTN model setup 
for the hollow shaft 
cooling system of the 
traction motor [20]
Calibration of the 
stationary case based on 
Gnielinski’s  correlation
Initial estimation of HTC 
based on CFD as the 
boundary condition of the 
rotating case
Shaft surface temperature 
comparison
 |LPTN model-Test| / Test < 
1% 
Calculation HTC of 
the active part using  
equation (11)
The HTC of active part
 =Initial estimation  
The initial estimation is 
final result
Yes
Yes
No
 
Increase the number of 
layers and / or the 
amount of thermal 
resistance in each layer.
 
 
Fig. 4.  Flow chart of coupled thermal analysis. 
 
A. CFD  
1) The Hollow-Shaft Modelling and Mesh Definition 
Instead of a whole machines, only a three dimension of 
hollow shaft was modelled to simulate flow dynamic and heat 
transfer in the STAR-CCM+ Version 10.06 [24]. A three 
dimensional mesh of the hollow shaft is shown in Fig. 5 (a). 
The active part of the shaft is 150 mm in length with an 
internal hole (for the passage of coolant) of 12 mm in 
diameter. Fig. 5 (b) shows a symmetrical cross section of the 
model. The white region refers to the solid shaft, in relation to 
which the computational cells need to be calculated using the 
heat energy equation. Whereas for the fluid regions (as 
represented by the blue domain), not only the heat equation 
but also the flow and RANS equations need to be resolved. As 
for the properties of the coolant and the shaft in the CFD 
model, pure water and aluminium are used to represent them 
respectively. The water is assumed to be an incompressible 
Newtonian fluid with constant fluid properties because the 
Mach number is far less than 0.3. 
Polyhedral mesher is employed to generate a volume mesh 
that is composed of polyhedral-shaped cells. A conformal 
mesh is created encompassing separate geometrical parts 
without interrupting the continuity of the mesh between the 
solid and the fluid domains. In addition, prism layer mesh is 
used to add prismatic cell layers next to wall boundaries to 
capture velocity and thermal boundary layers at the wall. The 
mesh size is set to be 2 mm and 10 prime layers are used to 
generate orthogonal prismatic cells next to wall surfaces with 
ratio of 1.4 for layer stretching. As a result, the total number of 
computational cells of fluid is approximately 0.15 million, 
whereas for solid, it is about 0.5 million. 
2) Governing Equations and Turbulent Models  
In Reynolds averaging, the solution variables in the 
instantaneous NS equations are decomposed into the time-
averaged and fluctuating components. The fluctuations of the 
flow velocity generated in the momentum equations are 
known as Reynolds stress tensors that represent the effects of 
turbulence. The RANS (3-4) and heat energy (5) conservation 
equations for a steady-state operation are as follows: 
 
𝜕𝑈𝑖
𝜕𝑥𝑖
= 0 (3) 
𝜌
𝜕
𝜕𝑥𝑗
(𝑈𝑖𝑈𝑗) = −
𝜕𝑃
𝜕𝑥𝑖
+
𝜕
𝜕𝑥𝑗
(2𝜇𝑆𝑖𝑗 − 𝜌𝑢𝑖′𝑢𝑗′̅̅ ̅̅ ̅̅ ) (4) 
 𝜌𝐶𝑝𝑈𝑗
𝜕𝑇
𝜕𝑥𝑗
= 𝛼
𝜕2𝑇
𝜕𝑥𝑗𝜕𝑥𝑗
 (5) 
 
Where 𝜇 is the fluid dynamic viscosity; 𝜌 is the fluid 
density; 𝐶𝑝 is the specific heat; 𝑈, 𝑢 are the fluid time-
averaged and fluctuating velocity component respectively; 𝑇 is 
the fluid temperature component; 𝛼 is the thermal diffusivity; 
𝑠𝑖𝑗  is the mean strain-rate tensor, −𝜌𝑢𝑖′𝑢𝑗′̅̅ ̅̅ ̅̅  is the symmetric 
Reynolds stress tensor with six components. 
 
Inlet 
extrusion 
Rotation 
region
Outlet 
extrusion
Polyhedral mesh
Inlet
Outlet
(a) 
Conformal 
mesh 
Prism layer mesh 
(b) 
Fig. 5.  Mesh setup for the (a) 3-D (b) cross section plane (Grey – Solid, Blue 
– Liquid) models. 
 
A rotating reference frame is created to model the scenario 
where, alongside the coolant, the rotation of the shaft for the 
steady state takes place. A constant rotational force is 
generated to mimic rotating effects in the rotating domain. 
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Based on the finding in [14], the rotation may destabilize the 
flow due to the large shear caused by the rotating pipe wall. 
The rotational speed of 4500 rpm is sufficient to trigger 
turbulence at the entrance of the pipe with a rotation Reynolds 
number of up to 1.5× 104. Therefore in the present study, 
turbulent models are employed to provide closure to the 
RANS equations. The choice of the turbulence model depends 
on its accuracy concerning the Reynolds stresses and the heat 
dissipation. Three various turbulence models are selected and 
compared: 1) A realizable k-ε model with a two-layer 
enhanced wall treatment [25], which can well capture a flow 
physics that includes flow separation and rotation at boundary 
layers [26]. This two-layer approach [27] allows the k-ε model 
to be employed in the viscous-affected layers by specifying 
the turbulent dissipation rate and turbulent viscosity as the 
functions of wall distance. 2) A SST k-ω model [28] includes 
a non-linear cubic constitutive relation [29]. This relation 
accounts for the anisotropy of turbulence by adding non-linear 
functions of the strain and vorticity tensors. 3) A RST model 
[30], also known as second-moment closure models, is used to 
directly calculates the components of the specific Reynolds 
stress tensors by solving their governing transport equations 
rather than solving the simplistic eddy viscosity equation 
based on Boussinesq approximations.  
3) Boundary Conditions and Wall Treatment 
The heat source similar to that of the experiment is applied 
with a uniform distribution to the shaft surface and can be 
functionally defined as the heat lost from a machine. The 
external surface of the shaft is modeled as an adiabatic 
boundary condition. On this basis, all the heat is dissipated to 
the coolant through a forced convection between the shaft’s 
internal surface and the fluid. An inlet extrusion region at the 
inlet boundary is set in order to create a fully turbulent flow. 
The flow velocity is also set at the top of the inlet extrusion. 
An extrusion at the flow outlet is also put in place to avoid any 
flow reverse and, in such a context, 0 pa is defined as any flow 
that takes place at the top of the outlet extrusion. The inlet 
temperature and ambient temperature are both fixed at 20℃. 
The turbulence models are only valid outside of the 
viscous-affected region of the fluid boundary layer. This 
region is close to the solid walls and the flow field is 
dominated by shear stress due to the wall friction and damping 
of the turbulent velocity fluctuations perpendicular to the 
boundary. Hence, an all y+ wall treatment model [31] is 
applied for the profile of the mean flow quantities in the wall 
boundary layers. High resolution mesh is created at the wall 
boundary layer with the wall cell y+ ≤ 0.2 to achieve accurate 
predictions in relation to the flow and turbulence parameters. 
B. The LPTN Model 
A LPTN model of the system is developed using 
PORTUNUS [32]. To simplify the thermal model, the 
following assumptions are made: 
1) The outer surface of the shaft is modeled as an adiabatic 
boundary condition. 
2) The heat path goes through the shaft via conduction in 
the axial and radial directions, and via convection from the 
shaft walls to the coolant fluid. Unlike conduction and 
convection, radiation is not considered in this paper. 
3) The radial and axial heat flows are independent of each 
other. 
4) The heat is transferred to the shaft in a uniform manner 
and is thus evenly distributed in the body of the shaft. 
1) The Equivalent Thermal Network 
The number of model components used depends on a 
balance to be struck between the accuracy of the model on the 
one hand and its simplicity on the other. The shaft is divided 
into seven layers consisting of the following: three middle 
layers representing the active part; two side layers 
representing the bearings; and two remaining layers as the link 
function (see Fig. 6). The red and yellow arrows display the 
heat from the heater and the bearings, the light blue represents 
the solid conductivity, while the heat that transfers from the 
shaft to the coolant is indicated by purple arrows. The diagram 
of a one layer model is shown in Fig. 7, which consists of two 
major parts: the solid conductive circuit and the fluid 
convective circuit. The thermal resistances of the shaft are 
visualized as green blocks. 𝑅𝑐𝑑_𝑎,  𝑅𝑐𝑑_𝑟 which are associated 
with the axial and radial heat flows respectively. The orange 
block (𝑅𝑐𝑣) represents the convective heat transfer from the 
shaft to the coolant. The heat flow in the coolant is modelled 
as a solid, with the conductive resistance 𝑅𝑐𝑑_𝑤 displayed as 
the light blue block. The input temperature (𝑇𝑖𝑛) of the flow is 
the output temperature of the previous layer and this output 
temperature is measured by the temperature meter (𝑇𝑀𝑐). The 
initial flow temperature can be derived from the temperature 
sensor (No. 9).  
Inlet Outlet
Shaft
Flow
Heater
Bearing
Fig. 6.  Representation of the 7 nodal-network layers and heat transfer path. 
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Fig. 7.  One layer of developed LPTN model.  
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In the heat-transfer network, a thermal resistance circuit 
describes the main paths for the power flow, enabling the 
temperatures of the various components for a given heat 
source to be predicted. The thermal-conduction resistances 
and thermal-convection resistances, except that for the 
coolant, are defined as (6) and (7). The coolant thermal-
conduction resistance is defined as (8). The linear 
formulations are used to replace the partial differential 
equations in order to express the thermal state and thus to 
minimize the computational time. 
. 
 𝑅𝑐𝑑_𝑎 = 𝑅𝑐𝑑_𝑟 =
𝑙
𝜆𝐴
 (6) 
 𝑅𝑐𝑣 =
1
ℎ𝐴
 (7) 
 𝑅𝑐𝑑_𝑤 =
1
𝑚𝑐
 (8) 
 
In (6)-(8), l is the length of heat transfer path; A is the cross-
sectional area perpendicular to the path; 𝜆 is the thermal 
conductivity; ℎ is the convective heat transfer coefficient; 𝑚 is 
the fluid mass; 𝑐 is the special heat of the fluid. 
2) The Heat Sources 
The total heat losses implemented in the model are equal to 
the heat that is taken away by the coolant. This is because the 
developed LPTN model is set up as an adiabatic boundary 
condition at the outer surface of the shaft. Moreover the heat 
losses transferred to the ambience do not dissipate into the 
coolant and the influence on the HTC is ignored. When 
passing through the shaft at a constant flow rate 𝑣, the coolant 
is heated around the shaft’s internal wall at a constant 
temperature, thus raising the  temperature of the coolant from 
𝑇𝑖𝑛 to 𝑇𝑜𝑢𝑡 . Based on the energy conservation equation, the 
rate of the heat transfer 𝑃 from the shaft to the coolant is 
determined by the following equation:  
 
 𝑃 = 𝜌 ∙ 𝑣 ∙ 𝑐𝑝(𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛)  (9) 
3) The Heat Transfer within the Active Part 
The Wattmeter (WM in Fig. 7) is placed between the shaft 
and the coolant and is used to measure the heat transferred 
from the shaft to the coolant in each layer. From the LPTN 
model, the active heat transfer 𝑃𝑎 can be obtained from (10). 
The mean convection heat transfer coefficient ℎ of the active 
part is calculated by (11): 
 
 𝑃𝑎 = 𝑊1 + 𝑊2 + 𝑊3 (10) 
 ℎ =
𝑃𝑎
𝐴(𝑇𝑖𝑤 − 𝑇𝑟𝑒𝑓)
 (11) 
 𝑇𝑟𝑒𝑓 =
𝑇𝑖𝑎 + 𝑇𝑜𝑎
2
 (12) 
 
Where 𝑊1, 𝑊2, 𝑊3 are the values of the Wattmeter in the 
three layers of the active part; 𝑇𝑖𝑤  is the average temperature 
of the shaft’s internal wall, which is measured by 𝑇𝑀𝑖𝑤 .  𝑇𝑖𝑎; 
𝑇𝑜𝑎 are the inlet and outlet flow temperatures in the active 
part, which can be obtained by temperature meter 𝑇𝑀𝑐. 
IV. RESULTS AND DISCUSSION 
In practice, the correlations of the convective HTC (ℎ) have 
been developed for the water hollow-shaft cooling to show 
that the Nusselt number 𝑁𝑢 mainly depends on the axial 
Reynolds number 𝑅𝑒𝑎 and the rotational Reynolds number 
𝑅𝑒𝑟 [33]. The tests were carried out with a rotational speed 
ranging from 0 to 4500 rpm (0< 𝑅𝑒𝑟 <16890) and a variable 
flow rate varying from 2 to 6 L/min (3521< 𝑅𝑒𝑎 <10563). 
The Prandtl number 𝑃𝑟 of water is 7 at inlet temperature of 
20 °C. These numbers are defined as: 
 
 𝑁𝑢 = ℎ𝑑/𝜆 (13) 
 𝑅𝑒𝑎 = 4𝑄𝜌/𝜋𝜇𝑑 (14) 
 𝑅𝑒𝑟 = 𝜔𝑑
2𝜌/2𝜇 (15) 
 𝑃𝑟 = 𝜇𝑐𝑃/𝜆  (16) 
A. The Static Testing 
In cases where the validation of the experimental method is 
carried out, the shaft is required to be at rest, so that the 
dynamic effects due to the rotational speed can be better 
highlighted. The convective coefficients from the various CFD 
models and the experiment are compared with the data from 
Gnielinski’s correlations (17) [23], as is depicted in Fig. 8. 
Suited to the conditions of static testing, [28], Gnielinski’s 
heat transfer correlation is applied to fully developed turbulent 
flows (i.e.3000 < 𝑅𝑒𝑎 < 5× 10
6). At the same time, the Darcy 
friction factor (𝑓) from the Moody chart is taken into account. 
 
 
𝑁𝑢 =
𝑓
8
 
(𝑅𝑒𝑎 − 1000)𝑃𝑟
1 + 12.7 (
𝑓
8)
0.5
(𝑃𝑟
2
3 − 1)
 
(17) 
Where 𝑓 = (0.79 ln(𝑅𝑒𝑎) − 1.64)
−2. 
It is noted here that the three different turbulence models 
and the experimental data closely follow the trend of 
Gnielinski’s correlation, with the RST and the k-ε models 
showing the smallest and the largest deviations respectively. 
These variations can be partly explained due to the rough shaft 
internal wall surface as compared to the perfectly smooth one 
assumed in the modeling. In addition, the heat is not evenly 
radially distributed in the shaft, causing the external wall 
temperature of the shaft to rise higher than on the internal. 
 
 
Fig. 8.  Evolution of the Nusselt number with the axial Reynolds number.  
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B. The Rotating Shaft with an Axial Flow  
Two different steps were taken to calculate the input loss 
with the heater off and on, respectively, and from (9). 
1) Rotating the shaft with the heater off:  𝑃1 is the bearing 
friction loss as a result of the shaft rotation. Through the 
experimental results, it is realized that the temperature of the 
end with the pulley drag is higher than that of the other end, 
suggesting that the drive end (DE) generates more friction loss 
than the non-drive end (NDE). From the test and the 
specification data of the bearing manufacturer [34], a DE to 
NDE bearing loss ratio of 1.2 is calculated and incorporated in 
the model. 
2) Rotating the shaft with the heater on: 𝑃2 is the losses 
transferred to the shaft from the heater in addition to the 
bearing friction losses. Therefore,  (𝑃2 − 𝑃1) is taken as the 
net loss that the shaft receives from the heater. 
Table I lists the measured losses calculated from (9) and 
active heat transfer from (10) at the axial Reynolds number 
4401 with various rotational Reynolds numbers. Due to the 
short length of the shaft, the dynamic flow losses and windage 
loss are ignored. The resulting losses are assumed to be evenly 
transferred to the shaft as the heat source. It can be noticed 
that all the results obtained in Table I are proportional to the 
rotating speed. This is because bearing friction losses rise at 
higher speeds. The input power of the heater is gradually 
raised by a transformer to highlight the variable performance 
when the rotating speed is increased. The amount of loss from 
heater is close to the heater power 𝑃ℎ that is measured by (2). 
As a result, the active heat transfer increases due to the 
improvement of heater power and HTC. The net loss between 
heater loss and active heat transfer is dissipated through other 
layers of shaft. 
TABLE I 
THE MEASURED LOSSES AND ACTIVE HEATER TRANSFER at 𝑅𝑒𝑎= 4401. 
𝑅𝑒𝜔 Bearing Loss 
 𝑃1 (W) 
Heater Loss 
(𝑃2-𝑃1) (W) 
Active heat transfer 
𝑃𝑎 (W) 
3755 58 205 115 
 
7510 115 353 195 
11265 175 492 266 
15020 242 630 331 
16897 271 710 367 
 
A comparison between, first, the measured results from 
sensors (1, A, B, 2) and, second, the developed LPTN model 
is presented in Fig. 9. The difference between the two sets of 
results is explained by the fact that the thermocouples (No. 1, 
2) are mounted on the surface of the bearings. Due to the 
thermal resistance between the shaft and the bearings, the 
temperature of the bearings is lower than the shaft surface 
temperature. The results obtained from the infrared sensors 
(No. A, B) gave higher temperature values than the predictions 
derived from the LPTN model. The non-uniform distribution 
of the heat, which causes the surface heat density, is higher in 
the external part of the shaft than internally. However, these 
differences are all within a reasonable margin of error. It can 
be concluded that the developed LPTN model is able to 
represent the heat path taken in the test shaft. The internal wall 
temperatures are calibrated from the LPTN model and then are 
used to calculate the HTC. 
 
Fig. 9.  Comparison of the results between experiment and LPTN model.  
 
A comparison of the results obtained from the different 
turbulent models is presented in Fig. 10. It is noticed that the 
value of the HTC increases with the rotational speed in all the 
methods. To explain the boosting effects two phenomena can 
be addressed: Firstly, due to the heat source being on the shaft 
wall surface, the density of the fluid near the walls is less as 
compared to those close to the center regions. As a result, the 
centrifugal buoyancy which results from the density variation 
enhances the temperature exchange between the hot and the 
cold fluid particles. Secondly, due to the centrifugal and 
Coriolis effect caused by the shaft rotation, the cold and 
denser fluid in the center tends to move radially to the wall. 
This phenomenon changes the flow field in the shaft hole, 
resulting in a higher convective heat transfer coefficient. 
 
 
Fig. 10.  Evolution of the heat transfer coefficient with different rotational 
Reynolds numbers for the different models (𝑅𝑒𝑎= 4401). 
 
Table II presents the relative error 𝜀 = |𝑁𝑢𝑒𝑥𝑝 −
𝑁𝑢𝐶𝐹𝐷|/𝑁𝑢𝐶𝐹𝐷 between the three different CFD turbulence 
models and the experiment. The RST method has a smaller 
relative error than k-ε and SST k-ω models. The larger 
discrepancies can be explained by the fact that the k-ε model 
uses the Boussinesq assumption that the viscous stresses are 
proportional to the instantaneous rate of the deformation. This 
makes the Reynolds stresses proportional to the mean rate of 
deformation of the fluid element with turbulence viscosity 
assumed to be isotropic. In the case of the SST k-ω model, a 
non-linear formulation rather than a linear one is used to 
provide a better agreement with the experimental data. This 
formulation accounts for the anisotropy by including the non-
linear functions of the strain and vorticity-rate tensors, and has 
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been shown to improve the turbulence predictions in relation 
to strong secondary flows. However, the simplistic eddy 
viscosity based on Boussinesq approximations for the 
Reynolds stresses does not represent the anisotropy of the flow 
field adequately. 
 
TABLE II 
COMPARISON THE RELATIVE ERRORS BETWEEN CFD AND TESTING RESULTS. 
𝑅𝑒𝑎 3521 5281 7042 8802 10563 
𝜀_k-ε  (%) 28 7 11 24 21 
𝜀_k-ω (%) 34 18 13 14 16 
𝜀_RST (%) 12 6 7 7 9 
 
To avoid this kind of deficiency of eddy viscosity models, a 
second order closure scheme RST model has been suggested 
to directly determine the components of the specific Reynolds 
stress tensors instead of specifying it by the Boussinesq 
approximation. Table II shows that the RST model predictions 
are in good agreement with the data. The RST model has the 
potential to predict complex flows more accurately than eddy 
viscosity models because the transport equations for the 
Reynolds stresses naturally account for the effects of 
turbulence anisotropy, streamline curvature, swirl rotation and 
high strain rates. However, the RST model proves very 
expensive in terms of computational time as five additional 
equations require some time in order to be solved. 
It is found that the RST and SST k-ω models tend to always 
over-predict the HTC as compared with the experimental 
measurements. The discrepancy can be explained by the non-
uniform distribution of the heat in the shaft surface causing the 
surface temperature to increase further. 
Fig. 11 presents the experimental Nusselt values obtained 
for the various axial flow rates. The increase in the coolant 
flow rate enhances the heat transfer between the shaft and the 
coolant flow. In relation to the imposed flow rate, due to the 
rotation an increase in the convective heat transfer coefficient 
can additionally be observed. 
 
 
Fig. 11.  Evolution of the experimental Nusselt number with 𝑹𝒆𝒓 for various 
axial flow rate. 
 
Based on the experimental results obtained, an equation 
(18) is proposed to describe the Nusselt number in a steady 
state based on both the axial and the rotational Reynolds 
numbers. This is because the convective exchanges on the 
internal wall of the shaft are determined by the axial and the 
rotation flow. The exponent of Prandtl number is 0.4 for the 
heating of the fluid.  
  
 𝑁𝑢 = 𝐴𝑅𝑒𝑎
𝐵𝑃𝑟0.4 + 𝐶𝑅𝑒𝑟
𝐷𝑃𝑟0.4 (18) 
 
From the least square method, with an average relative 
uncertainly of lower than 10%, and the range of 0<
𝑅𝑒𝑟 <16890 and 3521< 𝑅𝑒𝑎 <10563, the values for A, B, C, 
D are derived and listed in Table III. This equation can be 
applied in a number of flow channel geometrical dimensions, 
as well as at various axial flow rates and rotating speeds. This 
allows thermal designers to use these parameters to identify 
the heat transfer coefficients of rotor cooling system with an 
internal axial flow. As a result, thermal designers can gain an 
accurate understanding of the thermal model rather than opt 
for a test trial. 
 
TABLE III 
COEFFICIENT FOR CORRELATION 
Coefficient A B C D 
Value 7.438E-03 0.09683 9.183E-05 1.358 
V. CONCLUSION 
In this paper, the HTC of the hollow-shaft rotor cooling for 
a traction motor is addressed and is applicable in relation to an 
axial Reynolds number ranging from 3521 to 10563 and a 
rotational Reynolds number varying between 0 and 16890. 
Several turbulent flow models are developed in order to give a 
better understanding of the rotating effect on the flow and to 
evaluate the convective coefficient. It is concluded that the 
RST model provides a smaller relative error than the 
Realizable k-ε and SST k-ω models. The eddy viscosity model 
based on Boussinesq approximations is less accurate than 
directly calculating the parameters of the specific Reynolds 
stress tensors. However, the computational cost of eddy 
viscosity models is less demanding than a second order 
closure scheme. The LPTN model is posited to help obtain a 
number of experimental values that are hard to measure. 
Through a series of CFD calculations and experiments, it is 
concluded that the rotational speed of the shaft can 
significantly enhance the convective HTC of a hollow-shaft 
cooling system. At the axial Reynolds number 4401, the ℎ for 
the rotational Reynolds number 16897 is about 3.8 times the ℎ 
as compared with the stationary case. This is explained by the 
rotation which generates a destabilizing effect due to the 
increase in the shear stresses (caused by the wall rotation). As 
a result, heat exchanges are thus promoted.  
The experimental findings have been summarized in a 
simple equation. The results are presented in the non-
dimensional Reynolds and Nusselt numbers respectively, 
which can be applied in different geometrical contexts with 
various axial flow rates and rotating speeds. This can provide 
the opportunity to optimize the thermal design of machines at 
an early stage without the need for extensive and costly 
experimentation.  
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